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Abstract. Seals are crucial machine elements in hydraulic devices. A seal failure can result in expensive production
downtimes or even environmentally hazardous leakage. However, especially in regard to dynamic seals - for
example in cylinder applications - the physical understanding of the sealing mechanism is still insufficient. A test rig
and a transient, finite element (FE) based elastohydrodynamic (EHD) simulation for translational hydraulic seals
have been set up to investigate a soft, lubricated line contact in detail. In this paper the influences of temperature and
surface structure on the friction force is investigated numerically and experimentally. The focus is upon the mixed
friction regime as - especially during a change in the cylinder stroke’s direction - solid body friction and fluid
friction occur in the tribological contact between seal and cylinder surface.
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INTRODUCTION

Research on elastomeric seals dates back to the 1930s and 1940s [1]. Still, the theoretical understanding of the
sealing mechanism, especially in regard to dynamic seals - for example in hydraulic cylinder applications - is
insufficient. In the manufacturing process of hydraulic cylinders numerous surface finishing methods such as
coating, grinding or polishing are used, provoking diverse rough and anisotropic surface topographies. This
surface topography has a significant influence on the sealing system regarding leakage and friction [2]. The
practical design and optimization process of translational hydraulic seals is often supported by stationary finite
element (FE) calculations [3]. Here the influence of the fluid film and especially of different surface
topographies is usually neglected. For basic calculations of the fluid film Blok’s inverse hydrodynamic
lubrication (IHL) theory [4] is often applied, where a perfectly smooth surface is assumed and any solid contact
is neglected. In order to take the solid contact into account the direct method is applied [5]. For the simulation of
hydraulic seals in general an upstream FE simulation is performed in order to calculate the macroscopic
deformation and the resulting pressure between the mating surfaces ( [6], [7], [8], [9]). Effects of the surface
roughness, roughness profiles and roughness orientations can be implemented using the concept of flow factors,
developed by Patir and Cheng (1978) [10]. Based on this concept a methodology that includes the influence of a
micro-patterned rod was presented by Huang and Salant (2014) [11]. Wohlers et al. (2010) investigated the
effect of surface roughness on the friction behaviour of step seals in a computational study [12]. They applied
Persson’s contact theory in their calculations, but any transient effects were neglected [13].

The approach present in this paper is based on a concept of Ongiin [14], [15] and Schmidt [16]. The fluid film
calculations are directly implemented into a dynamic FE calculation within the software ABAQUS. We
additionally coupled the FE calculation with Persson’s contact theory in order to achieve a physically based,
transient model. In this paper the implementation and the influences of surface structure effects and temperature
are presented. First the simulation model is described. Afterwards simulation results are presented and compared
to measured friction forces for different surfaces and temperatures.
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SIMULATION MODEL

A schematic view of the investigated contact problem is shown in figure 1. A seal is squeezed against a (hard,
rough) rod surface with a normal load F,. The coordinate system is introduced with the x-axis along the sliding
direction, whereas the y-axis corresponds to the gap height, that is the distance orthogonal to the rigid rod
surface. The boundary surface is fixed in x-direction. The normal Forces Fy and the tangential forces Ft are
acting on the seal surface in the contact area. In the mixed friction regime theses forces are the sum of solid
contact and fluid contact forces.
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FIGURE 1. Schematic of the investigated contact
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The structure of the simulation is illustrated in figure 2. Both solid and fluid interaction, and the influence of the
friction force are considered in the calculation of the seal’s deformation. The deformation is not only influenced
by the friction forces, the solid and fluid contact, but also affects them. Thus, a strongly coupled model is
introduced. The following section focusses on the implementation of temperature and surface structure
influences. A detailed description of the underlying model can be found in [17].
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FIGURE 2. Structure of the EHD-simulation model

Deformation of the Seal

The deformation of the seal is calculated in a dynamic finite element (FE) simulation using ABAQUS [18].
Hyper- and viscoelastic material properties are taken into account in order to model the static and dynamic
behaviour of the material at different frequencies and temperatures. For the computation of the temperature
dependent behaviour the Williams-Landel-Ferry (WLF) approximation is applied [19]. Here the viscoelastic
material data is shifted by a factor ay (eq. 1) to higher or lower frequencies, depending on the temperature 9. On
the left side of figure 3 the measured E-Modulus (storage part) of the rubber at different temperatures and the
corresponding master curve (at 20 °C) are shown. The correlation of frequency and temperature is quite distinct.
The parameters A and B (here: A=25.61, B =250°C) of the WLF equation are optimized based on
experimental data of the elastomer. A comparison of the measured and the model time shift is shown on the
right in figure 3.
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FIGURE 3. Left: E-Modulus of the NBR as function of frequency (measured curves at selected temperatures and resulting
master curve); Right: Temperature shift factor for the rubber material

Fluid Film Calculation

For the numerical calculation of the fluid film and its influences on the seal deformation, the FE simulation is
coupled with an implementation of the transient Reynold’s equation (2), using user subroutines as suggested by
[2] and [3].

(O i m) = () - R (S Ree) + 3 @

Besides the gap height h, the relative velocity v, and the oil dynamic viscosity n, two correction factors are
included in this form of the Reynold’s equation, namely ®F (pressure flow factor) and & (shear flow factor),
based on the concept of Patir and Cheng [10]. These factors are determined by the surface topographies of the
mating surfaces.

The assumed influence of the surface topography on the fluid film is shown schematically in figure 4. On the
left side the surface is ground in the direction of motion. The fluid is expected to flow easily through the ground
channels and the fluid pressure build-up is reduced. On the other hand, when the surface is ground orthogonal to
the direction of motion, as shown on the right side, the fluid is assumed to be trapped in the groves and the fluid
pressure build-up is increased. This exemplification holds, when the grooves are smaller than the smallest

nominal contact length [2].
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FIGURE 4. Influence of the surface topography on the fluid film (left: surface is ground in the direction of motion; right:
surface is ground orthogonal to the direction of motion)

The exact calculation of the flow factors is shown in [20]. In figure 5 the flow factors for three investigated
surfaces are shown. While one surface (dotted line) is stochastically, isotopically rough (sandblasted), the
topography of the other surfaces is anisotopically (ground in or orthogonal to the direction of motion).
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FIGURE 5. Flow factors as a function of the gap height for three different surface topographies

For the calculation of the oil viscosity and density the model of Witt [21] is applied. A comparison of the
measured and the calculated oil viscosity and density is shown in figure 6. The pressure dependency of the oil
parameters is neglected in this study.
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FIGURE 6. Viscosity and density of the hydraulic oil: Comparison of measured data and oil model

Solid Contact Calculation

For a physically based calculation of the solid contact, the FE-model is coupled with Person’s theory of rubber
friction and contact mechanics [22]. For simplicity we assume a constant coefficient of solid friction (1 = 0.8) in
this study. In realty this coefficient does for example depend on the normal load and the relative velocity. Based
on the power spectral density (PSD) C of a rough surface and the material data of the rubber, a physically based
correlation of gap height h and the contact pressure p’ can be derived (eq. 3) [23]:

h= ity [ da ® C(@ wi@ [jodp’ e v@p/eT (3)
The correlation for the cylinder surfaces 2 and 3 is shown in figure 7. Due to the rougher surface of cylinder 3

(hyms = 2 um) compared to cylinder 2 (h,,s = 0.6 um) the contact pressure is higher for an equal separation of the
mating surfaces.
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FIGURE 7. Contact pressure as a function of the separation for cylinders 2 and 3
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SIMULATION RESULTS

In figure 8 the simulated heights of the sealing gap and the corresponding fluid pressures are shown for all three
surfaces at different velocities. The results were carried out for a normal load of 31.1 N at a system temperature
of 20 °C and a system pressure of 1 bar.
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FIGURE 8. Simulation results: gap height h and fluid pressure pgiq for all three surfaces for two different relative
velocities (normal load: 31.1 N)

For the simulation of cylinder 1 the same contact pressure distribution as for cylinder 2 was assumed (as the
same manufacturing process was applied), only the flow factors were adjusted according to figure 5. Thus, the
sole influence of the flow factors can be studied.

The surface structure of cylinder 2 leads to the highest fluid pressure, resulting in a higher gap height. Due to the
different surface topography the fluid pressure is reduced for cylinder 1. Still, the fluid pressure is higher
compared to the surface with isotropic roughness. This is caused by the smaller contact separation for cylinder 1.
For cylinder 3 a higher amount of solid pressure already arises at larger gap heights (see figure 7). Thus, the
amount of solid contact is increased, resulting in a larger sealing gap at lower fluid pressures.

In the cavitation regime a lower limit (vapour pressure) is implemented in order to avoid negative pressures.

EXPERIMENT AND COMPARISON

For the experimental investigations a test rig was designed, manufactured and set up at the Institute for Fluid
Power Drives and Controls (IFAS) [2]. Steady sliding and accelerated sliding motions are studied. An O-ring
specimen is squeezed in contact with a rotating rigid cylinder (Figure 9a)). The experimental setup is
summarised in table 1.

TABLE 1. Experimental Setup
NBR 70 Shore A

Material of the O-ring

Diameter of the O-ring

5mm

Length of the specimen

40 mm

Normal load (normal force)

Tkg (3L.1 N), 3 kg (63.3 N), 5 kg (155.5 N)

Temperature

5°C,20°C,40°C (x1°C)

Fluid

HLP 46

The experimental data is compared to simulation results in figures 9 b) —d). The shown experiments were
performed at quasi stationary conditions (constant velocity for each measurement point, 20 °C, constant normal
load). Therefore, the transient term of the Reynolds equation is neglected in the simulation for this part of the
comparison.
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FIGURE 9. a) CAD picture of the test rig (detail of contact zone and corresponding FE model on the bottom) b) - d):
Friction force as a function of the velocity (simulation and measurement) for three different normal loads ( b) surface
grooved in direction of motion , ¢) surface grooved orthogonal to direction of motion, d) isotropic rough surface)

As expected in the regime of mixed friction, the friction force declines when the velocity is increased. In
experiment and simulation higher normal loads lead to higher friction forces. For cylinders 2 (¢) ) and 3 (d))
the results are in a good agreement, qualitatively as well as quantitatively. For cylinder 2 the simulated friction
force at high normal loads is smaller, still the influence is in the correct order of magnitude. For cylinder 1 (b))
the simulated friction forces are higher, compared to the measurement. The simulated friction at a normal load
of 93.3 N is similar to the measured force at 155.5 N. Thus, the assumption of a surface identical to cylinder 2
might be invalid. Still, the influence of the flow factors is correct. The friction forces are higher, when the
surface is ground in the direction of motion.

A comparison for an accelerated motion is shown in figure 10. Here the transient term of the Reynolds equation
is considered. Measurement and simulation were carried out for the cylinder with isotropic roughness. In
simulation 1 the flow factors, and thus the influence of the surface topography, were neglected. In Simulation 2
the surface structure is considered. Two additional comparisons can be found in the appendix (figure 12).
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FIGURE 10. Comparison of simulation and measured friction force for a dynamic, accelerated motion
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The influence of the surface structure is especially visible in the initial phase of motion (t = 1-2 s) and for higher
velocities (t >55s). In general simulation and measurement are in a good agreement. The maximum peak of
friction (t > 1 s) is higher in the measurement. This might be caused by the velocity dependent tangential stress
in the solid contact zone. Also the breakaway force is influenced by the idle time before starting the experiment.

Temperature Influence

On the left side in figure 11 the measured friction force (cylinder 2) is shown for three different temperatures at
two different normal loads. The corresponding simulation is shown in the right figure.
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FIGURE 11. Friction force as a function of the velocity for two different normal loads and three different temperatures
(left: measurement, right: simulation)

In both results, measurement and simulation, a higher temperature leads to higher friction forces. The simulated
influence of the temperature is in the correct order of magnitude but more distinct, especially for the low
temperature (5 °C). In the simulation the effect is mainly caused be the changing oil viscosity. For the examined
system conditions a higher viscosity leads to higher simulated fluid pressures in the contact. Thus, solid contact
and solid friction are reduced, leading to lower frictional stresses in the mixed friction regime. The simulated
influence of the changing material properties can be neglected on the macroscopic scale for the investigated
temperatures. The results shows, that a sole consideration of temperature depended oil viscosity on the
macroscopic scale is not sufficient. An implementation of the microscopic temperature effects might lead to
more accurate simulation results.

CONCLUSION

Different temperatures and surface structures have a considerable influence on the friction force of hydraulic
seals. Both influences were implemented in a finite element (FE) based elastohydrodynamic (EHD) simulation
for translational hydraulic seals. The simulation results were compared to experimental data of mixed friction
force measurements, revealing a good qualitative and quantitative agreement. An implementation of a
temperature and velocity depended micro contact model and normal contact data of cylinder 1 might lead to
more accurate results.
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FIGURE 12. Comparison of simulation and measured friction force for a dynamic, accelerated motion (two additional
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